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ABSTRACT

Vibration analysis is rapidly becoming a re-
quirement rather than a luxury in turbomachinery
development and implementation. Presented herein is
a discussion on rotating equipment vibration prob-
lems - their occurrence, their diagnosis by analyt-—
ical and experimental methods, and a look to the
future in this area.

RESUMEN

El andlisis de vibraciones estd convirtié@ndose
rdpidamente en una necesidad mds que en un lujo en
el desarrollo e implementacidn de turbomaquinarias.
En este trabajo se presenta una discusidn acerca
de los problemas de vibracidn en equipos rotaciona-
les, su frecuencia, su diagndstico por métodos ana-
1liticos y experimentales, y una visidn sobre el fu-
turo en este campo,

1.0 INTRODUCTION

The trend of turbomachinery, such as turbines,
motors, compressors, pumps, fans and ete., is
higher speeds, in order to achieve better efficien-
cy and higher power density. As a result, vibration
problems with these machines are more frequently
occurring in oil fields, oil refineries and elec—
tric utility and petrochemical plants, due to lack
of precaution at the design stage. Typically,a man-
ufacturer will "size up" the existing machines to
meet the demands of the user. This design procedure
very often ignores consideration of stress and vi-
bration analyses. The new machine may be eventually
unable to reach its design speed and performance
due to a critical speed problem, or a rotor-bearing
instability problem. Vibration problems are not
just a nuisance which may be tolerated, or cause
compromise, but rather, they are detrimental to the
machinery reliability and to the economics of the
user and the manufactures.

During the past two decades, vibration analyses
and field trouble shooting have been developed into
a specialized engineering discipline, attributed
largely to computer and instrumentation technology
levelopment.
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DIAGNOSIS AND PROGNOSIS OF TURBOMACHINERY VIBRATIONS

Based on past "hand-on" experiences, the au-

thors present herein their viewpoints of

-Types of vibration problems frequently occur—
ring,

-~ diagnosis of vibration problems by experimen-
tal means,

- computerized analysis of a vibration- related
design audit, and

~ the future trends in this area of the engi-
neering.

2.0 CATEGORIES OF TURBOMACHINARY VIBRATIONS

There are in general, two types of vibrations,
namely; structural type and rotating machine type.
Interest in the structure-related vibrations in-
cludes those associated with machine casings, ped-
estals, piping and steel frames or concrete founda-
tions which support the rotating machines, or can
be excited by the machine vibrations. The main in-
terest is in the second type which includes lateral
and torsional vibrations and rotor-structure inter-
action.

2.1 LATERAL VIBRATIONS

This is a condition in which the rotor vibrates
in planes perpendicular to its rotating axis. These
are the most commonly occurring vibration problems,
and are also separable into two modes by their cau-
ses,

a. Synchronous Vibrations: In this mode the
frequency of the vibration is identical to the ro-
tor speed. Its amplitude is associated with the

amount of imbalance and the critical speeds, Uneven
mass distribution of the rotor about its rotating
axis, that is called imbalance, causes distributed
unbalanced centrifugal forces along the axis during
rotation. These forces, reacted upon by the bear-
ings, are transmitted to the casing and foundation,
and vibrations are thus created. The rotor can be
balanced by adding, or cutting away some material
at one, two or even several locations on the rotor.
But the rotors state of balance in operation can be
worsen due to corrosion, errosion or uneven depos-—
its of material in the flow stream. Worse yet, if
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the rotor is operating close to a critical speed or
passing through a very lightly damped  critical
gpeed, a normal amount of residual imbalance can
cause magnified centrifugal forces to be imposed on
the rotor. Imbalance can be caused by a loosened
wheel at high speed; or a high spot rub on  seals.
An Improper shrink fit design between wheels and
shaft may cause shaft bending when passing
through a critical speed and change the state of
imbalance.

b. Subsynchronous Vibrations: Many different
names have been given to this type of vibration,
such as oil whirl and oil whip for rotors with oil
bearings, steam whirl in steam turbines, half fre-
quency whirl (HFW), or fractional frequency whirl
(FFW), since the frequency mostly is less than or
close to 50% of rotor speed. But generally, these

vibrations can be classified as rotor-bearing sys-
tem instabilities. A typical description is, as a
rotor has succesfully passed through its first nat-
ural frequency or, critical speed, and continues on
to higher speeds, to say, approximately, twice the
first critical speed or during a load change, the
rotor vibration will suddenly start to grow in a
short period of time at a frequency close to the
first critical (sometimecs called first critical re-
occurznce) ., By changing the load and/or reducing
the speed is the only way of reducing this type of
vibration.

2.2 TORSIONAL VIBRATIONS

Angular, or twisting resonances about the rotor
axis are possible, especially in systems with large
inertias, such as, geared rotors, reciprocting ma-
chines, and synchronous motor driven compressor
trains. The rotor systems with torsional problems
often result in coupling failures, crushed keys and
keyways, gear teeth pitting, or even cracked
shafts. The 45 degree spiral crack of a shaft is a
typical high-cycle torsional fatigue problem indi-
cation.

Industry's emphasis on energy efficiency has
recently increased the use of synchronous Tmotor
driven systems. These systems with fixed electrical
frequency drives, especially those with solid
poles, are vulnerable to a torsional transient vi-
bration problem. Duriag every start-up the machine-
ry train passes through a critical speed where the
motor fluctuating torque with a " two - times slip"
frequency coincides with the first system torsional
frequency. If the acceleration is low, the vibrato-
ry torque on the rotor may exceed the yield

strength and cause permanent strain and eventually’

a low-cycle fatigue failure.

2.3 ROTOR-STRUCTURE INTERACTION

An increasing awareness has been in the interac
tion of the rotating machines and their support
structures, There are case histaries suggesting(l)*

*Numbers in parenthesis refer to identically num-
bered references in Reference Section.

"a seemingly perfect (vibration free) ma-
chine, supported by a well designed struc-
ture, becomes a vibration troublesome dy-
namic system'.

The fact the machine and the support structure,
such as a concrete foundation, with or without
pilings, are dynamic systems themselves, and their
natural frequencies are designed to be away from
the operating speed of the machine. However, when
they are tied together, the total dymamic system
may have resonance frequencies close to the opera-
ting speed. Therefore, it is the "dynamic interac-
tion" which may have been overlooked.

Earthquakes vibrate foundations and machine
casings. Large transient dynamic loads due to
earthquake excitation can ruin the machine bearings
if natural frecuencies of a machine/foundation sys=

tem are inside the earthquake vibration spectrum.

3.0 VIBRATION DIAGNOSIS WITH EXPERIMENTAL MEANS

The cause(s) of an existing vibration problem
can be difficult to pinpoint when time, available
tools, and expertise are limited. The persons in-
volves, even the "old pros' tend to be subjective
putting emphasis on the causes known to their own
fields of competency. In addition to an objective
mind full of logic, these engineers should possess
the following capability, or training:

- An understanding of the vibration phenomena
obtained by acquiring experimental data of
cause-related frequencies and amplitudes by
proper instrumentation.

- An ability to relate the data to possible
cause(s), or theories, and to use simple math-
ematical models of the machinme/rotor structure
to explain/verify the cause(s).

The first capability involves a knowledge of
the experimental subject matter which follows.

3.1 VIERATION INSTRUMENTATION(2)

Vibration instruments may be categorized into
three kinds according to their functions:

-~ Transducers and conditioning devices,
- analyzers,
- recorders.

The transducers (or sensors) are electro - me-~
chanical in nature and are the basic instruments
used to monitor the vibration signals from a rotat-
ing shaft, machine casing or bearing block, etc.

For lateral vibrations, the Piezoelectric ac—
celerometers can measure acceleration signals from
one Hz to forty KHz. They need signal conditioning
devices such as charge amplifiers to boost the sig-
nal power for displaying on an oscilloscope, or for
determining the frequency content and amplitudes by
use of analyzers. The measured amplitudes are pro-
portional to the square of the vibration  frequen-

= k2 =
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cies. Therefore, accelerometer are suitable for
measuring high-frequency, low-amplitude type of vi-
brations.

The velocity probes as the name implies, mea-
sure vibration velocity. They are the most popular
sensors used in the field because of their rugged-
ness and self-generating capability. (No need for a
conditioning device). But they are made with a
seismic principle (large mass on soft spring) and
have a cut-off frequency at 10 Hz. Below this fre-
quency the measurement is not accurate. Therefore,

they are not suitable for low frequency measure-
ments.

The displacement probes of the eddy - current
type are common in high speed turbomachinary for

monitoring shaft motions in bearings. 0il film
bearings, as will be elaborated upon later, are the
most sensitive part of these machines, High speed
usually means high pressure and heavy casings. The
heavy casing may not vibrate much, or be sensitive
enough to relay the signal of an impending catas-
trophe or severe rotor vibration problem. There-
fore, monitoring the journal motions with displace-
ment probes is more direct and assuring, But Cthe

erroneous signal due to journal run-out ( out of

roundness or residual magnetism) is often on the
same order as the wvibration gignal (measured by
units of 0.001 inch), and must be compensated by
accurate machining and electrically.

Preference of one type to another may be dicta-
ted by the circumstance and availability. The user
should always bear in mind the proper meaning of
the signals according to the sensoss' function. In
Figure 1, the same vibration is represented by
three types of signals, i.e., acceleration, veloci-
ty and displacement. On the acceleration spectrum,
the high frequency content seems predominant. But
it may be normal such as from a gear box measure-
ment, and the real problem signal may be hidden in
the low frequency level such as the first sma%l
peak representing the synchronous vibration ampli-
tude.

For torsional vibration measurements, the Tor-
siograph is the commonly used sensor for sensing
angular vibration velocity. It is made with a simi-
lar seismic principle as the velocity probe and
thus also has a low end cut-off frequency. It is
usually used at one end of a shaft with an  exten—
sion stud. For measurements at middle shaft loca=-
tions, special rigs belt drives must be used. This
is not a reliable means due to possible belt slip.
A more recent popular method is shown in Figure 2.
Here a non-contacting FM modulation principle is
applied. Similar measurements may be achieved using
precision gears and magnetic pickups. The number of
teeth or blackwhite spacings, multipled by shaft
speed, must be ten times larger than the torsional
frequency to be measured. Strain gaging with a ra-
dioc telemetry system is the ultimate way for mea-
suring static and dynamic torques on a shaft. How-
ever, this method is expensive to implement.

After a vibration signal is measured, one wants

to know what is the frequency content and what is
the amplitude associated with each frequency ( Fig-
ure 3). The former is related to the causes and the
latter is an indication of the vibration  serious-
ness. A portable analyzer with tunable frequency
filters and an amplitude meter is adequate but rel-
atively slow when analyzing the signal. Real time
analyzers or the FFT analyzers (by digitizing and
fast fourier transform computation) are ideal in
that they display the whole spectrum of the signal
and provide a complete picture of the problem.

. The enviroment in the fields is normaly harsh -
- it may be too noisy, cold, hot or wet. Also, when
many signals are measured at one time, their analy-
sis on site is difficult. Therefore, using a magne-
tic tape recorder to store the signals simulta-
neously on tape for laboratory analysis is a stan-
dard practice today. Two types of recording i.e.,
direct and FM are available. Direct recording is
suitable to high frequency and FM recording must be
used for low frequency and static DC signals  such
as shaft torque or shaft displacements.

3.2 SIGNATURE ANALYSIS

The patterns of vibration signals measured at
the machine casing, shaft, etc,, are different even
for identical machines and are called signatures,
The purpose of analyzing these signatures is to de—
termine the vibration cause(s) and seriousness as
they are related to the conditions of the mechani-
cal parts with vibration amplitude, frequency,phase
angle, wave form, etc. Ideal situations for signa-
ture analysis would be to have the following:

- "Bageline data" measured when the machine was
new, or with an identical machine without vi-
bration problems, and

- analytical information such as critical speed

maps, imbalance response plots and  stability
analysis results.
This is seldom the case for most vibrating

troublesome machines, especially when they are old.
Normally the wvibration considerations were not com-
monly implemented in design or maintenance. In
these situations, some published information such
as,

Vibration frequency vs. causes (Table 1), and
Vibration measurement vs. seriousness ( Figure
4),

are helpful in analyzing the signatures.

Additional to examinig the signal frequency
spectrum (Figure 5) by using the analyzers, one can
observe the wave form of the vibrations or the fil-
tered signals. For example, in Figure 6, large am-
plitudes resulted by the beating wave form was ob-
vious on the platform of the two-shaker tower. This
was caused partially by the speeds of the  shakers
being too close to one another. Orbit analyses of
journal(3) (shaft in bearing) motion as shown in
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Figure 7 is also common practice for analyzing dis-
placement signals. These wave form analyses are
performed on the oscilloscope with or without using
filters. When synchronous vibration is the only
concern and the measured signal is cloudy with some
unwanted signals, tracking filter plots such as in
Figure 8 can be made for transient vibration to
show the effect of a critical speed.

About a decade ago, a high frequency diagnostic
scheme was developed for detecting impending ball
bearing failure,(4) Basically, this problem mecha-
nism (such as ball impacting a pitting spot) gene-
rates high frequency resonance of parts, such as a
ball innmer or outer race. The resonmance has  very
small displacements in the unaudible frequency
range. The ball impact frequency is relatively low
and not detectable in the low frequency range. But

the impacts modulate the resonance and become de-
tectable in high frequency in a manner like an AM
radio wave (Figure 9). The technique since has be-
come a useful means for detecting impacts of other
kinds, such as gear meshes in a transmission box
for production or maintenapce purposes.

To this point discussions have been on experi-
mental topics to the first capability needed by a

vibration, trouble-shooting engineer. The second
capability is the ability to explain the ohserved
vibration® with possible theory.

In rality, there is no distinct simple mass~
spring system as vibration textbooks often define

(5), but the problem should always boil down to one

or twe major natural vibration modes as the pro-
blem.
For example, the problem with the shaker tower

in Figure 6 was not a pure beating problem, because
even with only one shaker operating, the vibration
of the platform was still upacceptably high, At
that time a question was asked whether the shakers’
force could be isolated py resiliant pads. The ansu-
wer was no, based on considering a dynamic mo
with two degrees of freedom. The bottom (frame

mass is too small compared with the top mass (shab-
er bed) for isolation to work. The resiliant .-
may, however, dampen part of the high frequency .-
dible noise and make the enviroment quieter. Tt
identify the natural mode of vibration, the main
actor in the problem, one may consider the foll w-
ing:

—~ The whole tower with heavy machinery on  the
top half is a soft dynamic system and has  so-
veral low frequency lateral swaying modes ,
They were indeed identified by touch during
the end of a coast down of the shakers

= The mode causing the problem should l.ve !
frequency close to 880 CPM, the norma! shuber
speed. To be so high in frequency, it shoold
be a local vertical deflection mode ¢ tie
platform.

By further study, one eventually coul! Liesntifv
that beams were tpo soft such that they conrribure:

to a vertical mode lower in frequency but close to
the operating speed. The authors have no intention
to generalize here but rather to use this for il-
lustrating the mental process of applying simple
math models in vibration diagnoses.

Shown in Figure 10 is another example of using
simple models for explaining vibration phenomenon.,
The compressor train was in a troublesome axial re-
sonance. Two screw jacks were used as temporary
measures for bracing the casing to ground, and they
had to be tuned to achieve minimun axial vibration,
It was not difficult to explain the function or the
effect of the screw jacks by using a model of two
degrees of freedom, The difficulty was how to judge

the cracks on the concrete piers. Were they result
>f high axial vibration, or the cause of lowering
the axial frequencies? This is a typical 'chicken

or egs" (which comes first) story one may be cone

fronted with {n the field.

3.3 ROTOR BALANCING

Many vibration problems are of the synchrou s
tvpe and can be corrected by balancing the unevenly
distributed masses if the rotor is not operating
near a critical speed. Tn che field, one dan per-

forn single plane or rwo-plane balancing. For sin-
¢ plane balancing(< a trial weigth is put at i
asengitive logaftion of the roror and the ¢hani. of
vibration 35 messured and calidlated 1ot apming

he Imbalance locaridn. The procedure is coasled

inf luence ¢oafficient method.. The same used

plane balancinglb) neeils trial weighit
balunzing planes when r st imbalance s Py I
LLong i 14 divection. Wote ‘Cthat he il

tan fnvolves vector algebra becsuse eve:

oY trial veight is Jdebined by magm
» phase angle. Phase angle measurement 15

ituacions d1flicult to make, For example,
top of & cocoling tower with several idusit i I wa
runtiing, the beating vibrativus have fluctuaring
wmplitudes. In this case one may Jhoode 1

he sinple plane balancing without using plas By
pi@siid.,

The fi=ld bplancing method sbove ussuties flis
ter is & rigid bpdy which basically is trus for a

low speed Totor nor passing any critical §
rotor axis bemds iato the critical
it passes through a oritical speed. How m ]
ands depends on local imbalance mass distributy

mole Laf

t r choice of halancing planes, or more than
vianes are needed to balance a rotor

4 A standard pracpice used ia to balines

npanents of the rolor separately, asssml s
companents in two or more stages snd Lras hsiag
the sub-aasembly at each atape again hy IGINN N
T Lwe planes.

During the seventies, a las balanct suhene
vas developed 8t Mechanical Techoolopsy LOLor s -
t ] York, U.SA:, for gulomaced mass pr o
tion, (Figure 11). A camputer cor 1 |led waser peas
4 directed to cut away the rotor wshalancus .
ifferent balancing planes while it 1s rotatl
The Lnfluence coeffirients ass ted wit diffe
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ent balancing planes and different measurements lo-
cations are pre-stored in the micro-computer for
identical rotors. This scheme eliminated the time
spent in stopping the rotor and cutting away mass
(or adding mass) manually.

4,0 ANALYTICAL METHODS FOR VIBRATION PREDICTION

Machinery vibration dynamics involve the fol-
lowing elements:

1. Rotor (shaft and attachments such as wheels)
mass and flexibility,

2. bearing (and/or seal) stiffness and damping,
3. foundation mass, stiffness and damping.

Assuming the pedestal and foundation are rigid
and massive enough, the rotor and bearing are the
first order of importance in vibration analysis.

During the past two decades, computer programs
in rotor/dynamics have been developed for access by
most large computer center librarys is the U.S.A.
Mathematically, the rotor is treated as distributed
masses linked with distributed lateral or torsional
springs (Figure 12). Gyroscopic inertia effects of
large wheels are included as a major difference
from a traditional beam approach. The bearings are
treated as concentrated springs and dashpots in-
cluding cross-couplings effects between the two
perpendicular directions.

4.1 BEARING STIFFNESS AND DAMPING

Until more recently, critical speed calcula-
tions frequently ignored the bearing effect. It is
is now recognized that bearings are a critical dy-
namic element because of their stiffness contribu-
tion and the fact that they are primary damping
sources of the dynamic system,

Rolling element bearings posses very little
damping. A simple way to estimate their stiffness
is given by available force-deflection relations

(7). However there are no simple formulae to cover
the different geometries for fluid film bearings,
such as:

Plain cylindrical
Axial grooved
Elliptical

Of f-set

Pressure dam
Partial arc

Tilring pad

Basic lubrication computer programs wusually

generate bearing data in non-demensional from, such
as shown in Table 2, This table can be used for
bearings of the same type and L/D ratio. An impor-
tant parameter in fluid film, self-acting, bearing
analysis is the inverse Sommerfeld number defined
as :

1 W1
§ 1D uu(ﬁ)

It is a unique set of variables arranged to re-
present the "normalized load". The load is a func-
tion of the bearing dimensions (L,D,C,), oil visco-
sity (u) and journal speed (N). Knowledge of this
number provides the key to stiffness and damping by
interpolation from the tables.

Hydrostatic bearings (externally pressurized)
are required in certain enviroments such as sodium
pumps for nuclear plants and non-oil bearing appli-
cations, such as food processing plants and steel
mills. Simple formulae(8) for estimating this bear-
ing stiffness were developed. Large dedicated com-

puter programs are also available in the software
market.
The wear rings in centrifugal liquid  pumps(9)

can be considered as another type of hydrostatic
bearing. Of course the original function of the
wear rings was meant to limit the leakage between
high and low pressure zones, But the high axial
leakage flow (usually turbulent) produces a kind of
Bernoulli effect called Lomakin mass effects (10)
and tend to force the journal to a concentric posi-
tion. The equivalent fluid-film stiffness and damp-
ing of these rings are proportional to the pressure
drop across the rings and the basic elements that a
pump is called upon for proper dynamic behavior. If
the pump is running dry, it's first critical speed
could be very low compared to its normal speed.
When it is pumping liquid and the rings are func—
tioning as bearings, its critical speed may always
be higher than running speed until the rings wear
out, (clearance opens up to larger values).

4,2 ROTOR-BEARING LATERAI, DYNAMIC ANALYSES

A) CRITICAL SPEED: Lateral vibration analysis
starts with the critical speed or natural frequency
calculation, The bearing damping may, or may not be
included. A popular way is not to include the bear-
ing damping and assume the bearing stiffness to
vary over a large range. The purpose of this treat-
ment is to evaluate the effect of bearing stiffness
on critical speeds, usually up to three or five
lowest criticals. Computerized -e=ults can be plot-
ted onto a graph such as Figure 13; called a criti-
cal speed map. The map can be divided into three
regions; (a) rigid rotor, (b) soft rotor and (c)
rigid-support rotor. With the bearing stiffness
versus speed superimposed on the map, one can lo-
cate approximately the system critical speeds. The
eritical speed calculation also provides rotor mode
shapes (Figure 14) at different bhearing stiff-
nesses, In the rigid region, the rotor generally
has large mode shape displacements at the bearings
which is indicative of effective wuse of bes ing
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fluid damping. The rotor vibration problem is more
controllable although the critical speed is lower.
In the rigid-support region the opposite 1is true.
A practically designed rotor-bearing system usually
falls into the middle region. One cannot afford too
soft bearings because this would mean large sizes
and power losses. One should not design too stiff a
bearing because this would thus dictate thin oil
films, low system damping, and poor vibration con-
trol,

Critical speed calculations with the computer
is inexpensive but reveals most of the rotor/ bear-
ing system characteristics qualitatively. An expe-
rienced analyst can forecast the imbalance or sta-
bility problem by examining only the critical map
and mode shapes, or he can decide what further
analyses (unbalance reponse or stability) are need-
ed.

B) UNBALANCE RESPONSE: This analysis is con-—
cerned with how large the synchronous vibration am-
plitudes are at tight clearance locations such as
the bearings, the labyrinth seals and etc., as the

rotor passes through the critical speed zones and
operateg in its normal speed range. Rotors are nor-

mally balanced during the manufacturing stage with
some residual imbalance remaining. The ecceptable
amount of residual imbalance in industry is about:

oz-in / balancing

for low speed machine, %E
plane

for high speed machine, 56000 !7 oz-in / balancing
N~ plane.

In order to excite a critical mode of vibra-
tion, imbalance must exist at locations where the
the mode shape indicates large displacements. Since
in practice, the exact location of imbalance is
generally unknown, one must judge where it is like-
ly distributed. A conservative approach is to put
the acceptable imbalance at probable locations,
such as at center wheel and end couplings, to simu-
late the worst possible practical response. A com-
puterized response calculation uses the same math-
ematical rotor model as used for the critical epeed
calculation and in addition the bearing stiffness
and damping is varied as a function of speed
change. Figure 15 is a typical response plot indi-
cating the vibration amplitude of a centrifugal
compressor and emphasizing the first damped criti-
cal speed.

C) STABILITY: A rotor/bearing system operating
much aboye its first critical speed may be unstable
in the sense that slight speed increases or load
changes would disturb'the rotor into a large orbit
whirl with a frequency very near the first ecritical
frecuency (11,12 and 13).

By_examinig the relative position between the
operating speed, the rigid support first critical
and the flexible support first critical, one may
predict (14) the possibility of instability as
shown by the example in Figure 13.

The cause of the problem can be explained gen-

erally by the existence of tangential (or cross~
coupling) driving forces on the rotor as depicted
in Figure 16. The tangential forces, usually in the
forward direction, (rotational direction) are con=-
tributed by oil film bearings, locked o0il ring
seals, labyrinth seals, and submerged rotor with a
small clearance to the statinary wall or impellers.
The forces cancel the damping force in the bearing
and tend to drive the rotor into a large orbit.

Many decades ago, engineers observed'oil whirl"
in lightly-loaded or vertical journal bearings.
This is a kind of rotor-bearing instability con=-
tributed mainly by the cross-coupling forces in the
bearing. It was explained that as the journal speed
(2) reached twice the critical speed, the oil pump-
ed into the wedge equals the oil swept out of the
wedge. Thus the oil film could not be maintained
and the journal orbit grew. One of the cures was to
load the bearings artificially by preload or a
pressure dam pocket, or to cut grooves in an  at-
tempt to decrease the cross-coupling ~ forces. Al-
though 0il bearings are generally loaded inm turbo-
machinary, they still remain as the main source of
cross-coupling forces. For high speed machinery,
the tilting pad bearing became. popular, because
theoretically there exists no cross—coupling force
in this type of moving pad bearing. Locked, float-
ing ring seals function as plain journal bearings
(L5) and have caused many instability problems in
high pressure centrifugal compressors. Other sour-
ces of instability were observed in the impeller
narrow clearance area including the interstage lab-
yrinth seals(16 and 17). The magnitude of these
forces are still not well defined and generally use
of load balanced seals and anti-swirl flow devices
are used to offset the forces. A current design ap-
proach is to calculate the "stability margin'' of a
rotor system including bearing cross-coupling for-
ces only. Another name used for stability margin is
the log decrement of the first system natural mode
when the rotor is running at operating speed. Note
that the frequency of the first mode is close to
the first critical speed, not necessarily, exactly
the same. In mathematical terms, the mode is asso-
ciated with a set of Eigenvalues/Eigenvectors of
the dynamic system with multi-degree of freedom.The
real part of the Eigenvalue, i.e.,the growth factor
(a) is a term representing the modal damping. The
imaginary part is the natural frequency (2wf). The
log decrement of this mode is defined as

A design guideline from numerous experiences is
to require the log decrement be greater than 0.3.
Physically the log decrement is a measure of how
fast the system can dampen the vibration in this
mode due to any disturbance.

4.3 TORSIONAL VIBRATION ANALYSES

Torsional vibration modes are usual lightly
damped —— less than 5% of critical damping. The
bearings do not provide damping to the torsional
system, unless the design is a geared rotor with a
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large gear motion due to torsional vibration. For
these high "Q" natural modes, engineers are usually
only concerned with their frequencies. If the fre-
quencies are not ‘close to the operating speed or
speed range, and the system does not have a chance
to dwell at any of these modes of wvibration it
should be safe. Therefore, only undamped torsional
frequencies are calculated.

The results are commonly presented in a  Camp-
bell diagram format (Figure 17). This diagram indi-
cates. possible interfences with shaft speed and its
harmonics. Large motor driven fans with a variable
operating speed frequently suffer from this type of
problem. The results are often failed couplings.
To detune a natural torsional frequency away from a
fixed operating speed can often be easily accom-
plished by changing the coupling torsional stiff-
ness. If the operating speed is variable in a large
range, the detuning may involve two or three mnatu-
ral vibrations modes.

Computerized torsional frequency calculations
use similar mathematical rotor models as in the
lateral analyses, but they are simpler and less ex—
pensive to perform.

For large geared rotor systems driven by syn-
chronous motors, extra analysis of the torsional
transient response is required to predict the maxi-
mum fluctuating torque during start-up. The motor
oscillating torque at twice slip frequency,

rotor speed )

fs =gl = synch. speed

(line frequency)

will excite the first torsional frequency,f; short-
ly before the motor goes into its synchronous
speed. If fg coincides with fl at a time when the
motor average acceleration torque is low, and the
oscillating torque is high, the lightly  damped
first mode can build up its energy and become a
violent twisting vibration. Te calculate this tran-
sient response involves :

- Condensation of the distributed model into a
lumped inertia model with much less degrees of
freedom.

— Tuning of the condensed model to yield appro-
ximately the same torsional natural frequencies as
the distributed model.

- Integration of the condensed model with small
time steps (by the Runge-Kutta method or Newmark-
method) and prescribed initial conditioms, motor
torques, and load-speed functions.

Typical results of the shaft torque when pass-
ing through the critical speed area is shown in Fi-
gure 18.

Computerized calculations of this kind can be
very expensive. The authors have developed a sim—
plified and less expensive approach using modal da-
ta from the frequency analysis and a  pre—inte-
grated, non-dimensional plot. The new method is to
be published in the near future.

5.0 FUTURE TRENDS

Figure 19 shows a high speed pump rotor with
four stages which has the same output as a large
low speed pump rotor with nine stages, it typifies
the turbomachinéry design trend of the future.
Since high speed and small gize goes with high
pressure and small clearances, the design analysis
congideration of rotor-bearing-seal dynamics will
be inevitably among the top priorities in early
stage of new designs. In other words, rotor dynamic
analyses and the basic machine function analyses
such as thermal cycle and efficiency become equally
important, Dynamic analysis was once a luxury; it
is now becoming amecessity:, At the time of a pew
design concept plan on the drawing board arnd when
the approximate rotor dimensions and bearing type/
size are chosen, a rotor/bearing dynamic audit must
be performed. A typical audit process(1l8) is shown
in Figure 20. If a vibration problem is identified,
the rotor design must be modified, even if a sacri-
fice of performance is required.

Large rotor/bearing dynamics computer programs
containing all the basic analyses capability, em-—
phasizing machine / foundation interaction, (19)
streamlined input/output with graphics are being
developed for large computer users. Software pack-
ages for these basic analyses will be available for
micro-computer users and designers.

The machinery user, who .is buying a new variety
of turbomachinery, should request that the design
comply with published guidelines, such as  APT(20)
specifications or the equivalent in the rotor dy-
namics area, or, assure this dis accomplished by
having an independent third-party audit performed.

On-line computerized vibration monitoring sig-
nature analysis, vibration trend analysis, shuf-
down vibration data aquisition and analysis for
important equipment are all on the horizon, A coin-—
ed name "Down Time Management" (DTM) has appeared
recently. The goal of DTM is to plan shut-down time
by prediction of impeding vibration problems.

The machinery users will need more specially
trained technicians and engineers dedicted to vi-
bration related maintenance work. The  personnel
with proper machinery, computer and instrumentation
background will be trained in vibration short cour-
ses and seminars which are becoming more available
and popular.
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YIBRATION IDENTIFICATION TABLE

Cause Amplilude Frequency Phase Remarks
Unbalancs Proportional to 1 xrpm Single reference Most common cause of vibration
unbalance. mark
Largest in. radial
. direction
Misalignment Largs in axial 1 x rpm usual Single Best.found by appearance of large
couplings or direction 2&3xrpm double axial vibration.
bearings and 5095 or more of somelimes or triple Usa dial indicators or ather
bent shaft radial vibration method for positive diagnosis.
If sleeve bearing machine and no
coupling misalignment balance
the rotor
Bad bearings Unsteady + use Very high Erratic Bearing responsible maost likely
anti-friction velocity measura- several times rpm the one nearest point of largest
type ment il possible high-lrequency vibralion
» Usually not large 1xrpm Single mark It on gears largest vibration in line
Ect.:nnlncl y 5 P , with gear centars. If on motor or
iuraats generator vibration disappears
when power is turned off. Il on
pump or blower attempt to
balance
Bad gears or Low - use velocity Very high Erratic

gear noise measure if gear teeth x rpm
possible
Mechanical 2xrpm Two reference Usually accompanied by unbal-
looseness marks ance and/ar misalignment
Slightly erratic
Bad drive belts Erratic or pulsing 1, 2,344 % rpm One or two de- Strob light best tool to freeze
of belts pending on fre- faulty belt
quency. Usually
unsteady
Electrical Disappears when 1 x rpm or Single or rotating If vibration amplitude drops olf in-

power is turned off

1 or 2 x synchro-
nous frequency

double mark

stantly when power is turned
off cause is electrical

Aercdynamic
hydraulic
forces

1 x rpm or number
of blades on fan or
impeller x rpm

Rare as a cause of trouble except
in cases of resonance

Reciprczating
forces

1, 2 & higher orders
x rpm

Inherent in reciprocating machinas
can only be reduced by design
changes or isolaticn
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Vibration Identification Table (Ref.22)

Table 1
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